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Abstract

Due to increasing interest of car customers in comfort features, brake noise has
become a major concern to brake suppliers. Noise showing frequencies above 1 kHz
and a narrow bandwidth is usually called ’brake squeal’.
After a short introduction into squeal excitation mechanisms, a rigid body brake
model displaying the main features of a floating caliper disc brake is presented.
A brake noise test rig has been installed and is used to verify model calculations
which are based on the 14 DOF multibody system .
A stability analysis as well as an sensitivity analysis have been conducted in order
to find recommendations for a brake design avoiding squeal. From the outcomes of
these calculations design modifications have been derived which have been tested
by TRW Automotive. The dependence of squeal occurrence on brake pressure has
been predicted by the theoretical model.

1 Mechanisms of Squeal

The phenomenon of brake squeal can be described by means of self-induced vibrations. In the

state of squealing there is an energy transfer from the rotational motion of brake parts to the

vibrational system of the complete brake. This energy transfer is controlled by the vibrational

motion itself.

Table 1 shows three basic excitation mechanisms which can be derived from the brake models to

be found in the literature, which has been examined in [1]. In order to find the most suitable me-

chanism to describe self-induced vibrations of the brake under investigation, those mechanisms

have to be examined in detail.
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Table 1:Excitation mechanisms of brake squeal and related criteria for instability

Friction Characteristic Geometric Instability Noncons. Restoring Forces
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1.1 Friction Characteristic

Early attempts to explain brake squeal considered the properties of the friction contact to be the

reason for the generation of squeal, see for example the work of MILLS [2]. If the force created

by sliding friction decreases with increasing relative velocity between the friction interfaces,

this might lead to an increasing amplitude in a vibrational system. In [3] this effect is studied in

detail using the simple mechanical model of an 1-DOF oscillator sliding on a moving belt.

Depending on the�,v-characteristic one gets different results, so for the stability behaviour

here are two basic characteristics under investigation. First, the Coulomb characteristic, which

consists of a distinct static coefficient of friction and a lower constant dynamic coefficient of

friction, is regarded. In the sliding case there is no change in the friction force due to sliding

velocity and so the equilibrium position is stable. Neglecting structural damping, there is an

infinite number of stable attractors with peak velocities smaller than the belt velocity. If the

relative velocity becomes zero and the static friction force is higher than the spring force at the

moving mass sticking occurs. This state continues until the spring force exceeds the static fric-

tion force maximum and the mass starts sliding until it switches back to sticking. This stick-slip

limit cycle separates the region of stable vibrations from that part of the state space where the

system shows contracting trajectories.

Diverging trajectories can be found in the case of a continuously falling friction characteristic

in the vicinity of the equilibrium position, see Fig.1a). This case contains a stick-slip limit cy-

cle also, and the state space outside this attractor could show diverging trajectories as well as
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Figure 1:Stability properties of excitation mechaninsms
a) Phaseplane of 1-DOF friction oscillator with linear falling friction-velocity characteristic
b) Root locus plot of 2-DOF System showing the effect of nonconservative restoring forces

contracting depending on the system parameters.

If a stick-slip limit cycle is assumed to be the reason for squeal, the frequency of the limit cycle

should be independent of the belt velocity. This is necessary because experiments show that

the frequency of squeal does not change with the rotational speed of the disc. In the case of a

Coulomb friction characteristic this feature does not hold and so this explanation of squeal does

not appear to be adequate.

Assuming a linear falling characteristic a speed-independent frequency of the limit cycle has

been found. For that reason this seems to be a more appropriate mechanism for explaining

squeal, although it has to be mentioned that the existence of sticking between disc and brake

pad during squeal has not been proven yet.

As it can be seen in Fig.1a), a continuously falling characteristic leads to an unstable equi-

librium position. So for the existence of self excited vibrations the limiting mechanism like

changing between sticking and sliding is not important and the falling friction characteristic

can be regarded as an excitation mechanism for squeal itself.

1.2 Geometric Instability

Based on experimental investigations in the squeal of brakes of subway-trains, SPURR in [4]

developed a hypothesis about the nature of squeal, which is related to the effect of locking
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in static systems. An important feature of this mechanism is the angle between the resulting

force at the friction contact and the normal direction of the sliding surface. This angle can be

defined by geometrical means. SPURR himself did not publish a theoretical model showing the

mechanism that he called sprag-slip. Instead, he accepted an suggestion of CRISP, which can be

seen in Tab.1. From this linear model a condition for instability can easily be derived, it is shown

below the model. As it can be seen, the stability boundary of the friction coefficient depends

strongly on the already mentioned angle and on the damping coefficient. The given expression

is only valid for positive angles, in case of an negative angle the relation has to be inverted.

Having a closer look at the expression it can be found that for realistic stability boundaries the

dampingd1 of the disc should be bigger than the dampingd2 of the pad. This is a property

which hardly can be observed in real systems. Therefore, this approach does not seem to be

very promising in explaining squeal.

1.3 Nonconservative Restoring Forces

One of the earliest work based on nonconservative restoring forces was done by NORTH [5] in

1972, followed by many other investigations up to recent time, see for example [6]. In Tab.1

a minimum Model of this mechanism with two degrees of freedom is given. Looking at the

equations of motion for this system,
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it can be realized that friction creates an unsymmetric stiffness matrix indicating nonconserva-

tive forces. Because of these forces instability might occur. Using the Hurwitz criterion, five

expressions describing stability boundaries for the coefficient of friction can be found. Here,

only one is given due to limited space. If the coefficient of friction is varied, and the correspon-

ding eigenvalues are plotted in the complex plain, the effect of mode coupling can be observed,

see Fig.1b). Increasing the coefficient of friction makes the frequencies of the complex modes

grow closer until the real parts move in opposite directions and instability occurs.
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Figure 2:14 DOF model of a floating caliper disc brake

This mechanism does not need the assumption of sticking in the friction contact and is not de-

pendent on certain damping properties. Looking at the given instability criterion it can be seen

that geometry plays an important role defining the stability boundaries. Therefore, the influence

of geometric properties on the stability which is known from experiments is included in the

mechanism of nonconservative restoring forces. So, this approach seems to be a rather good

way describing brake squeal.

2 Brake Model

In order to find design recommendations for brakes avoiding squeal, it is necessary to work

with mechanical models displaying design features of a brake. Here, the investigations focus on

a floating caliper type disc brake. For this brake a 14 DOF multibody model has been developed.

This approach cannot mirror each detail of the brake design but allows an easy variation of de-

sign features to check their influence on squeal generation. This is an advantage over the finite

element brake models which used in many commercial applications are derived from CAD-

drawings and require a lot of effort to do substantial changes in the geometry of components.

On the other hand the results from a rather rough model are more general than those from a
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detailed FE model for a specific brake design.

So the rigid body system presented in Fig.2 is a link between the very general excitation me-

chanisms and the specific FE models of a brake.

2.1 Model Structure

As it can be seen in Fig.2, the model consists of 6 rigid bodies which are connected by coupling

elements. In general each body has 3 DOF referring to planar motion. As rather high frequen-

cies are regarded, elastic modes of certain components have to be considered. This is done at

the carrier by splitting it up into two rigid bodies connected by a coupling element. The stiffness

and inertia properties of the disc in the model are chosen in such a way that the representation

in the model has eigenfrequencies which are close to frequencies of elastic modes of the disc,

known from FEM analysis. The coupling elements connect the bodies by moments or forces,

which are dependent on relative displacements and velocities. These dependencies can be linear

or nonlinear.

As the displacement amplitudes in a squealing brake are in the order of10�6m, nonlinear geo-

metric relations can be neglected in calculating displacements, at a first stage.

Frictional contacts are introduced between disc an pads, the assumed coefficient of friction has

a constant value. Thus, the frictional forces are proportional to normal contact forces and are

oriented into the positive x-direction at the pads, while reaction forces at the disc point into the

opposite direction.

2.2 Multibody Algorithm

Since it should be possible to record coupling forces during numerical integration, the Newton-

Euler approach is chosen to describe the system’s dynamics. By this approach the simulation

code gets a transparent structure as the force laws can be formulated for each coupling element

explicitly.

For each bodyi Newton’s law gives

Fi =mi�xi; (2)

and in case of rotational motion

Mi = Ji
��i: (3)
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In this expression the reference point is either the center of mass or a point at rest. Vectors
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describe the displacements of the center of mass referring to the inertial frame and angles about

the principal axes. These coordinates stand for the degrees of freedom. In the case of the brake

model onlyxi; yi and�i are of interest.

So the inertia matrices are

mi =

2
666664

mi 0 0

0 mi 0

0 0 mi

3
777775

and Ji =

2
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Jxx 0 0

0 Jyy 0

0 0 Jzz

3
777775
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The forces

Fi =
X
j

F
k
ij + F

n
i (6)

acting upon a body are composed of coupling forcesF
k
ij, which are due to coupling elements

connected to contact pointj and external forcesFn
i acting upon the center of mass.

Torques in equation (3)

Mi =
X
l

M
k
il +

X
j

rij � Fk
ij +M

n
i (7)

consist of torques due to couplings to other bodiesM
k
il and coupling forcesFk

ij, which are

multiplied by coordinatesrij of the contact points referring to body local frame in the pivot

point of the body. Further, there are external torquesM
n
i .

For example bodiesi = 1 andi = 2 are connected at the connecting pointsj = 6 andj = 4

by the force coupling element with the indexg(1; 6; 2; 4). Similarly, a torque coupling element

h(3; 7) links bodies 3 and 7. Thus, the topology of the model is defined by the coupling tables

g andh.

Coupling forcesFe and torquesMe

F
e
g = ff (ui1j1 � ui2j2; _ui1j1 � _ui2j2) = ff (�u;� _u) (8)

M
e
h = fm(�i1 � �i2; _�i1 � _�i2) = fm(��;� _�) (9)

are calculated using relative displacements and velocities of the linked connecting points. As-

suming small displacements, the translational motions of the connecting points

uij = xi + �i � rij (10)
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_uij = _xi + _�i � rij (11)

can be derived from the coordinatesxi; �i of the center of mass. Also, the coupling forces and

torques can be easily transformed into a representation referring to a body local frame using

Newton’s third law:

F
k
i1j1 = �Fe

g (12)

F
k
i2j2 = F

e
g (13)

M
k
i1 = �Me

h (14)

M
k
i2 = M

e
h: (15)

In case of linear force characteristics the coupling between bodies,

F
e
g = Cg�u +Dg� _u; (16)

M
e
h = C

m
h ��+D

m
h � _�; (17)

can be described by the symmetric stiffness matricesCg;C
m
h and damping matricesDg;D

m
h .

Incorporation of a friction force between bodies, which is orthogonal to the axis of the coupling

element, leads to an asymmetric matrixCg.

2.3 Simulation Software

The simulation software should meet the following requirements:

� fast numerical integration

� flexibility concerning the structure of the mechanical model

� possibility of linear eigenvalue analysis

� easy incorporation of nonlinear relations

� visualization of calculation results

� open to future improvement

Therefore, ACSL (Advanced Continuous Simulation Language) was chosen as a base for simu-

lation. This language was developed for description and simulation of ODEs, it uses efficient



BRAKE SQUEAL 205

Database

inertia properties

coupling geometry

topology

element stiffness

element damping

initial conditions

ACSL

runtime commands

simulation code

system matrix

time series

Matlab

parameter variation

analysis commands

eigenvalues

result summary

presentation

Figure 3:Structure of simulation software

Fortran compilers for generating machine code. ACSL offers different integration algorithms

and includes an automatic time step control to incorporate discrete events into the integration

procedure.

Since it should be possible to change the structure of the model easily, the defining parameters

are stored in separate files. So the model data is accessible to other programs, for example to

Maple for doing symbolic calculations. This was used to check the simulation algorithm pro-

grammed in ACSL.

The simulation code is framed by Matlab programs which on one hand contain analyzing com-

mands for ACSL and on the other hand evaluate and visualize the results of the calculations. An

overview over the simulation software can be seen in Fig.3.

2.3.1 Simulation Code

Using the algorithm described in 2.2, the governing structure of the program is a loop stepping

through all coupling elements computing the coupling forces. These forces are summed up and

give the body accelerations, which are integrated. As the brake model is a planar description

of the real system, there are only three DOFsxi; yi; 'i for each body. These coordinates and

their time derivatives stand for the system states. To achieve a consistent description of the

mechanical system, the inertial frame is connected to a rigid body at rest.
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Table 2:Determination of Model Properties

Model Properties Sources

topology brake’s geometry, modal vibration patterns

inertia properties

brake disc, carrier measured eigenfrequencies, stiffness values calculated from FEM

caliper, pad measured masses, moments of inertia

position of connecting

points

experimental determination of the center of mass, geometry

of components, torsional stiffness values of FE-model

stiffness values FE-model

damping values experimental modal analysis

coefficient of friction measured values

2.3.2 Test of Simulation Code

In order to check the correctness of the ACSL code, linear test models have been defined. These

models have been described by the ACSL simulation software on one hand and on the other

hand their equations of motion have been derived by Lagrange’s equations of second kind. The

second way was performed using the algebraic manipulation program Maple. Using the same

parameters, the eigenvalues of the system matrix were calculated for each description separately.

The comparison of results showed negligible differences only.

2.3.3 Determination of Parameters

Parameter values have been determined by measurements conducted at brake components or

by calculations using a validated FE-model of the brake under investigation. By applying static

forces to brake components and calculating the resulting deflections the stiffness of the coupling

elements has been found. Table 2 shows the methods used to determine the different parameters.

3 Brake Noise Test Rig

For investigation of a real brake system and for verifying simulation results a brake noise test rig

has been built, see Fig. 4. This experimental setup is able to conduct noise tests automatically
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Figure 4:Brake noise test rig

and can be adapted to other objects of investigation.

3.1 Mechanical Setup

To avoid mistuning of the brake dynamics, the knuckle of a front wheel of a Mercedes-Benz A-

class car has been incorporated into the setup. Brake and knuckle are connected to a L-shaped

frame which is fixed to the substructure at four corners by three brackets and a force sensor.

So, small elastic deflections are used to determine the brake torque. Due to the brackets the

L-shaped frame can be exchanged for other setups easily.

The wheel shaft carrying the brake disc is directly driven by a 84kW DC-Motor using a conti-

nuous speed universal-joint propeller shaft. This setup avoids any sound and vibration coming

from the gear box. The power supply of the motor is done via a digital controller which is able

to generate speed ramps.

As described in [7], brake pressure is generated using a main cylinder from a car. This cylinder

is driven by an electronically controlled pneumatic actuator and can generate up to 40bar of line

pressure.

The brake setup as well as the pressure unit are surrounded by a sound absorbing housing with

sliding doors. If the doors are closed, the air taken from the cabin by the air cooling ventilator

creates a depression. This depression forces air from the environment of the housing to enter
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Figure 5:Dialog for programming of test sequences

the cabin by a flexible aluminium pipe which directs the airflow towards the brake for cooling.

In this way a maximum air flow of 1000m3/h can be reached.

Within the cabin there is a b&k microphone including a preamplifier to pick up the time signal

of occurring noise. To measure the temperature of the brake disk, a pyrometer is used. Compa-

red to the alternative approach of a sliding thermo couple the noncontact thermometer avoids

the sliding noise, does not influence the vibrational properties of the disc and gives a rather fast

response to thermal changes.

3.2 Control and Data Processing

Data acquisition and control of the test rig is done using a PC including special I/O-hardware

supported by a realtime computer. Acquisition and control software on the PC has been develo-

ped using the TestPoint environment which allows object oriented programming. This software

is described in [8] and has to deal with several tasks:

� recording of measurement data

� digital filtering of measurement data

� visualizing of recorded data



BRAKE SQUEAL 209

� managing of recorded data

� programming of drive controller via serial port

� control of test parameters like rotational speed and brake pressure

� online display of sampled data

Most of the given tasks can be operated in manual or in automatic mode. In manual mode an

operator interacts directly with the software to conduct single measurements. To investigate

brake squeal it is necessary to do test sequences consisting of many brakings to find out about

the statistics of noise generation. Therefore an automatic mode was implemented, which means

that the testrig runs under program control. Test sequences can be programmed using the dialog

shown in Fig. 5. Defining a testing sequence, the measurement signals which have to be recorded

are set. Lists are used to constitute the values for rotational speed, brake pressure and disc

temperature giving different operation conditions of the brake. It is possible to switch between

different loop hierarchies concerning the curse of parameter variation. Single testing sequences

can be arranged to a testing program. Recorded data is stored in binary files which are further

evaluated using Matlab on HP workstations.

For security reasons the automatic mode is monitored by a realtime computer programmed in

Pearl. By checking the measurement signals for consistency it is decided whether the testing

procedure has to be cancelled or not, referring details can be found in [9].

4 Investigations Based on Nonconservative Restoring Forces

As it has been shown in section 1 that the assumption of nonconservative restoring forces seems

to be a rather promising approach explaining brake squeal. Therefore in this project most inves-

tigations are based on this assumption.

4.1 Experimental Determination of the Coefficient of Friction

Looking at the terms given in Tab.1 it has been found that the coefficient of friction (COF) plays

an important role in generating brake squeal. In the case of nonconservative restoring forces the

absolute value of this parameter is of interest. So the test rig has been equipped with a force

transducer which has been calibrated by a lever beam and weights to give the brake torque.
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Figure 6:Coefficient of friction between pad and disc

Knowing torque and brake pressure, the COF between pad and disc can be calculated using the

geometry of the brake system.

To find out the dependence of the COF on brake pressure and disc temperature a test sequence

has been conducted which varied pressure from 2 bar to 30 bar and the initial disc temperature

covered a range from50oC to 300oC. Brakings were performed at a constant speed of 40 rpm

and had a duration of 10 sec. Before each test sequence a bedding procedure was conducted to

adjust the pad surface to the disc and produce realistic contact conditions.

To find the COF for each braking, the sampled data have been averaged. For the same brake

configuration the reproducibility of results was quite good. They are shown in Fig.6. It can

clearly be seen that in normal operation conditions the value of the COF spreads over a wide

range from 0.3 to 0.6. For low pressure, the COF increases with increasing disc temperature,

whereas for high pressure a total maximum has been found between100oC and150oC. Follo-

wing the experience of car brake suppliers this is a typical temperature range for brake squeal.

On the other hand it can be said that the COF under realistic circumstances might change its

value by 100%.

Since the behaviour to the COF is usually dependent on the duty history of the brake system,

the sequence of testing has been changed to find out about the reproducibility of results.

In the first testing sequence the disc temperature was kept constant while all of the pressure
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values belonging to the test were stepped through. To check this result, during the second test

sequence successive brakings had the same pressure values but changing disc temperatures.

Differences between the results of these two sequences were negligible small.

4.2 Proof of Existence of a stability Boundary

Before analyzing the brake model described in section 2 it has to be checked if the geometry

of the brake system allows the existing nonconservative forces to destabilize the mechanical

system. This takes into account that the geometry and the inertia properties of the brake com-

ponents can be determined more exactly than stiffness and damping values of contacts between

parts.

For the investigation described in this paragraph geometry and inertia parameters of the bra-

ke have been determined as shown in Tab.2 and stiffness and damping properties were set to

approximate values in a realistic range. Furthermore, an uneven pad wear was assumed which

gave an uneven distribution of stiffness in the pad material of the brake model.

Using this basic model, the coefficient of friction was varied stepwise from 0.47 to 0.69 and for

each step the system matrix and its eigenvalues have been calculated. The results are plotted in

the complex plane and shown in Fig.7. With the approximate values for stiffness and damping

the destabilisation of the brake model occurs at a COF of� = 0:64, which is a realistic value.
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Calculating the frequency of the unstable mode, one finds a value off = 2400Hz, which also is

a realistic squeal frequency. Besides this lifelike values the effect of mode coupling can clearly

be seen.

Thus by this study it has been proven that nonconservative forces can lead to unstable vibrations

in the given brake design.

4.3 Sensitivity Analysis

Introducing the more exact stiffness values derived from the FE-Model, the brake model beco-

mes more accurate, but parameter values for damping elements are still difficult to determine.

Therefore, damping values have been assumed, so that the over all damping value of the bra-

ke system corresponds to the average of measured values achieved from experimental modal

analysis. With this assumed damping values it is not possible to calculate reasonable stability

boundaries, but the mechanism of nonconservative restoring forces is a matter of stiffness and

geometry properties which are known better. Thus, it appears to be more reasonable to find out

how much the stability of the system is affected by a variation of a certain parameter than to

calculate the parameter value at which the system becomes unstable. Therefore a sensitivity

analysis is conducted.

4.3.1 Basic Considerations

Regarding the stability of the brake model, the sensitivity of eigenvalues to parameter variations

has to be considered.

Using a state space model for the mechanical system under investigation results in

_x = Ax: (18)

If vi is the eigenvector assigned to eigenvalue�i, it follows that

Avi = �ivi: (19)

Similarly one finds for the eigenvectorwk of the transposed system matrixAT

w
T
kA = �kw

T
k : (20)

There is a relationship between the eigenvectorsvi and the adjoint eigenvectorswi, which is

v
T
i wj = w

T
j vi = Æij; (21)
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whereÆij stands for Kronecker’s delta. Partial differentiation of (19) with respect to a parameter

p gives
@A

@p
vi +A

@vi
@p

=
@�i
@p
vi + �i

@vi
@p

: (22)

Multiplying this equation by the transposed adjoint eigenvector leads to

w
T
i

@A

@p
vi +w

T
i A

@vi
@p

= wT
i

@�i
@p
vi +w

T
i �i

@vi
@p

: (23)

Using equation (20) andi = k the sensitivity of an eigenvalue�i with respect to a parameterp

can be expressed by

Sp(i) =
@�i
@p

=
wT

i (@A=@p)vi
wT

i vi
; i = 1; 2; : : : ; n: (24)

Thus an analytical description of the eigenvalue sensitivity based on the system matrix sensiti-

vity becomes possible, additional information can be found in [10].

Equation (24) needs eigenvectors or eigenvalues to determine sensitivity. For a parameter change

�p of technical relevance the system eigenvalues and eigenvectors are changing by a significant

amount. So the sensitivity can not be calculated by equation (24).

On the other hand, modern computer systems allow an easy way of calculating eigenvalues of

even large matrices. So it is an workable approach to determine system eigenvalues before and

after a variation�p and calculate the difference�� directly by numerical means. Hence, for

this approach the termtechnical sensitivity analysisis introduced.

4.3.2 Parameter Groups

The model under investigation comprises 6 relevant bodies and 18 coupling elements. Therefore

it would be an extensive task to vary all the parameters involved separately. Also, it is important

to do variations which have a practical meaning concerning design. For both reasons the para-

meters have been divided into subsets of values which are changed simultaneously by the same

amount. These subsets are called parameter groups and are given names of practical meaning.

For parameters like stiffness and damping related to coupling elements there are different ways

of changing values combined to a group:

� Symmetric variation: values are changed by the same amount and in the same direction.

� Asymmetric variation: values are changed by the same amount but in opposite directions.

The asymmetric change can be done clockwise or counter clockwise.
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4.3.3 Investigation of Robustness

The coefficient of friction (COF) is a parameter of the brake system which can change a lot

during operation, see Fig.6. On the other hand it is well known fact under car brake suppliers

that a high COF increases the probability of squeal.

Therefore the stability of the brake model is investigated with respect to a change of the COF.

Also, it has been found out how certain modifications of the brake design influence the reaction

of the model to a COF-variation. In other words the robustness of differently modified brake

designs against an increasing COF has been examined.

Robustness of a brake design can be calculated by

SR
� (i) =

�Re(�i)

��
=

Re(�i(�2))� Re(�i(�1))

�2 � �1

(25)

for each eigenvalue�i; i = 1 : : : n. Doing this, values�1 = 0:4 and�2 = 0:6 were used.

Having a system ofn = 28 system states, there are 28 sensitivity values calculated according to

equation (25). These are equal in pairs as the vibrational system is described by 14 conjugated

komplex pole pairs.

Studying robustness, design modifications were made by a 10% change of the grouped Parame-

ters. After the sensitivity to the COF was calculated using equation (25), the maximum sensi-
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Figure 9:Results of sensitivity analysis concerning robustness for symmetric (!!) and asym-
metric ( !) variation of the position of coupling elements

tivity values over all eigenvalues are displayed in a bar diagram. The values given by equation

(25) were calculated for the basic brake design also, see Fig.8, and their maximum is marked in

the diagram as a reference. To give an example, the results of the maximum sensitivity values

for 10 out of more than 100 design modifications are shown in Fig.9. This results from a change

of the x-coordinates of the connecting points. As only the maximum value of all eigenvalue sen-

sitivities is displayed, a value exceeding the reference does not directly mean that the robustness

becomes worse by this modification. Deviations from the reference value only indicate that mo-

difications of the particular parameter group will have a strong influence on system stability.

Looking at the chosen results, it can be seen that properties of the friction contact and the

contact between backplate and piston or caliper fingers are important concerning robustness.

Especially asymmetric modifications show a strong influence.

The main results from the robustness investigation are:

� Pad properties are important.

� Connections to backplate are important.

� Increase of damping does not always improve robustness.
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Figure 10:Change of eigenvalue real parts due to variations of parameter group ’piston’

� Positions of connecting points between pad and carrier are important.

� Asymmetric design modifications are mostly proner to squeal than symmetric ones.

As the first three findings are in line with practical experience it can be said that the brake model

is able to mirror real features of the brake under investigation.

4.3.4 Investigation of Parameter Influences

Besides the robustness against a varying COF, it is interesting to know how parameter modifi-

cations itself affect stability. Therefore parameters were varied in groups as described in 4.3.2

by 10% and the COF between pad and disc was kept at a constant value of� = 0:4.

The resulting changes of the real parts�Re(�i) of eigenvalues due to parameter variation were

plotted as a bar diagram over eigenvalue indexi = 1 : : : 28. Real part changes were not divided

by the related parameter difference, because the varying size of parameter values – differences

between stiffness and geometry parameters are in an order of109 – would lead to incomparable

results.

Figure 10 presents results from modifications of the parameter group ’piston’. These modi-

fications consisted first in a symmetric increase of coupling stiffness values, secondly in an
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asymmetric and thirdly in a symmetric displacement of connecting points. As it can be seen,

parameter changes can have different effects on the eigenvalue pattern:

� Narrow band effect: The first symmetric change affects eigenvalues related to high ei-

genfrequencies only.

� Mode Coupling: Again the symmetric change of stiffness properties shows that adjacent

eigenvalues move in opposite directions.

� Broad band effect: The asymmetric displacement of coupling elements affects several

real parts over a wide frequency range.

� Monodirectional effect: The change of stiffness as well as the asymmetric displacement

of coupling elements make real parts move in two opposite directions, whereas the real

part displacement due to a symmetric shift of coupling elements is in one direction only.

The symmetric shift of coupling elements increasing the distance between those leads to a ge-

neral stabilisation of the system with a very strong influence in the upper frequency range of

the model. This stabilizing effect has been observed in other parameter groups as well and so

real brakes have been modified in two ways so that in the first case the distance between two

connecting points has been increased and in the second case this distance has been decreased.

Both modifications have been compared with respect to their squeal behaviour. In these two

tests the first design proved to be less noisy than the second one in the frequency range up to 5

kHz, see the contribution of TRW in this issue: ’Bremsenquietschen’ by T. Treyde [11]. Bearing

in mind that the model is of a rather simple structure and therefore mainly valid for the lower

frequencies of squeal, these results are a good conformation for the approach chosen in this

work.

The main results from the investigations of the parameter influence can be summarized as fol-

lows:

� Parameters close to the friction contact play an important role.

� Symmetric increase in damping always stabilizes the system.

� Increase of inertia parameters lowers the stability.

� Increase of distance between two connecting points has a stabilizing effect.
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4.4 Influence of Nonlinear Pad Stiffness

Applying the sensitivity analysis as described above it became obvious that parameters in the

vicinity of the friction contact have a strong influences on system stability. Therefore it appears

to be reasonable to do some refinements in this part of the model.

Measurements conducted during the BMBF-project ’Brake Judder’, which is described in this

volume under ’Brake Judder of Cars’ by C. Schmalfuß et al. [12], showed a nonlinear relation-

ship between compression and normal force at the brake linen. Thus, cubic hardening springs

have been incorporated into the simulation algorithm. The corresponding coupling elements

were used to connect pad and disc.

The compression amplitudes utilized in the fore mentioned tests were by far larger than the ones

occurring during squeal. Therefore it has to be checked if the observed nonlinearity is relevant

in the regarded amplitude range.

4.4.1 Computation Procedure

Due to the incorporated nonlinear relationships the linear eigenvalue analysis cannot be applied

any more. For this reason the stability behaviour is examined based on numerical integration

procedures. Starting with particular initial states the decay or increase out of vibration ampli-

tudes is investigated numerically. Since the system comprises 14 coupled degrees of freedom,

it is not reasonable to look at time series describing the time history of a single system state.

Therefore, a measure for the energy stored in the system is introduced. This measure is called

linear energyEl and is defined by

El(t) =
1

2
x
T (t)

2
64 K 0

0 M

3
75x(t); (26)

whereK andM are the stiffness and mass matrix of the linearised system, respectively. The

stiffness matrixK is not known a priori, it has to be extracted from the system matrix

A =

2
64 0 E

�M�1K �M�1D

3
75 (27)

which can be calculated by ACSL.

The initial conditions of the numerical integration have to be chosen in such a way that there

is an influence of the included cubic nonlinearity on the system’s time history started by these
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Figure 11:Decay of vibrations in the linear and in the nonlinear case

initial conditions. On the other hand, the numerical investigations should show the systems

behaviour as a whole, not only particular motions. For this reason and to keep a certain amount

of consistency to the investigation of the linear system modeshapes scaled toEl(t = 0) = 1Nm

were used as initial conditions. Time seriesEl(t) have been calculated for the linear and for the

nonlinear case and the results have been compared.

4.4.2 Numerical Results

As it can be seen in Fig.11 there is an influence of a hardening spring on the rate of energy

dissipation. It depends on the initial conditions weather it stabilizes – as it can be realized here

– or destabilizes the system. Starting with conditions derived from the eigenvector belonging to

the complex eigenvalue pairsi = 5; 6, gives the curve shown in Fig.11. Also stabilizing effects

can be observed in the case ofi = 5; 6. The opposite tendency can be found if vibrations are

excited using modeshapes related to eigenvaluesi = 1; 2 andi = 3; 4. Even in the linear case

all of the mentioned eigenvectors are sensitive to changes in coupling stiffness connecting pad

and disc.

To achieve significant differences between the linear and the nonlinear case in the calculated

time series, the factor scaling the cubic term in the nonlinear relation had to be set to unrealistic
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high values. Therefore, it can be concluded that the nonlinearity under investigation is not very

important for the system stability.

5 Investigations Based on a Falling Friction Characteristic

As shown in the preceding section, the mechanism of nonconservative restoring forces leads to

results, which are in good agreement with practical experience. On the other hand it was not

possible to destabilize the described brake model by a parameter variation in a realistic range.

So, a further refinement of the model is needed.

As stated earlier, the vicinity of the friction contact is a very sensitive area and thus it seems to

be reasonable to model friction properties more exactly.

5.1 Experimental Results

To find out more about the friction between pad and disc, coefficient of friction was recorded

during stop brakings from 200 rpm to 0 rpm in 12 sec. The results are shown in Fig.12 and it can

clearly be seen that there is a nearly linear relationship between the coefficient of friction and

the rotational speed of the disc. This relationship depends on brake pressure and on disc tem-
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perature, but the falling characteristic can be realized in nearly any case, even if an accelerated

motion is regarded and temperature effects are compensated. For further details see [13].

5.2 Model Calculations

A falling friction characteristic is a mechanism to generate squeal. It can be studied in detail

using a 1-DOF oscillator sliding on a moving belt, displayed in Tab.1. A velocity dependent

coefficient of friction can be given by

�(vrel) = �0 � kjvrelj; (28)

where the relative velocityvrel = v0 � _x is the difference between belt-velocityv0 and the

velocity of the mass_x. Here,�0 stands for the coefficient of static friction andk for the slope

of the friction characteristic.

Ignoring viscous damping, the equation of motion for the sliding friction oscillator reads

m�x + cx = �(vrel)Fnsgn(vrel); (29)
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with the normal forceFn. Equation (29) can be transformed using dimensionless time

� =
q
c=mt to

x00 + 2Dx0 + x =
Fn

c
(sgn(vrel)�0 � kv0); (30)

where(: : :)0 = d
d�
(: : :) and

D = � Fnk

2
p
cm

< 0: (31)

It becomes obvious, that due to the friction characteristic negative damping occurs. This dam-

ping is dependent on the dynamic parametersm; c, as well as on the slopek and on the normal

forceFn.

Applying this to the brake model yields a negative damping which varies with brake pressure.

For the slope an average value ofk = 0:0576 sm�1 has been taken from the measurements. A

stability analysis with changing brake pressure from 0 bar to 25 bar was conducted and it was

found that instability occurrs at a brake pressure of about 15 bar and a mode frequency of 2140

Hz. Figure 13 shows the calculation results in a section of the complex plain.

5.3 Experimental Verification

To get an impression of the squeal behaviour of the brake under investigation, a test sequence

of 225 brakings has been programmed and performed. This sequence comprised a pressure

range from 2 bar to 30 bar and a temperature range from 30oC to 310oC, while brakings were

performed at a constant speed of 40 rpm and lasted for 12 sec. For each braking the noise

was recorded and analyzed by FFT. Sounds of a sound pressure level higher than 60 dB were

extracted as a noise event. Those events have been plotted versus frequency and brake pressure

in Fig.14. It can be realized that a squeal noise of 2350 Hz has been found at pressures starting

at about 12 bar, which is remarkably close to the predicted squeal range starting at 15 bar with

a noise frequency of 2140 Hz.

In summary it can be concluded that using a falling friction characteristic even a rather simple

brake model can display important details of squeal noise occurrence.



BRAKE SQUEAL 223

5 10 15 20 25 30

6

5

4

3

2

1

Predicted squeal range

F
re

qu
en

cy
[k

H
z]

Brake pressure [bar]

Figure 14:Squeal occurrence (spl> 60 dB) depending on brake pressure

6 Summary

The work described in this report can be divided into two main parts. First the development and

installation of tools to deal with the phenomenon of brake squeal. Secondly the analysis of this

phenomenon by theoretical and experimental means using the tools developed.

The main theoretical tool to deal with brake squeal is a simulation software based on a general

multibody algorithm. This software has been used to describe a 14-DOF model of a floating

caliper brake. As an experimental tool an automatically controlled brake noise test rig has been

installed and operated. Two different excitation mechanisms of squeal generation derived from

literature have been incorporated into the brake model.

First, nonconservative restoring forces gave the base for a sensitivity analysis showing the in-

fluence of parameter variations on the system stability. The results of this investigation were in

good agreement with practical experience and lead to design recommendations how to achieve a

more silent brake. Especially increasing the distance between connecting points of components

in the plane, which is parallel to the rubbing surface of the disc, can improve the dynamic sta-

bility of a brake.

The second excitation mechanism included in the brake model is a falling friction characteris-
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tic, where the parameters have been determined by experiments using the brake noise test rig.

It has been shown that by this mechanism the dependence of squeal on brake pressures can be

predicted quite exactly.

So, as a conclusion two main results can be stated:

� Using the excitation mechanism of nonconservative restoring forces, effective design re-

commendations for a silent brake can be derived even from a simple brake model.

� The occurrence of squeal depending on brake pressure can be predicted based on the

excitation mechanism of a falling friction characteristic.

During the work described above it became very clear that the complex problem of brake squeal

needs an intense combination of experimental and theoretical investigations. There is still a lot

of work to be done to design a completely silent brake, but this survey bore tools, methods and

knowledge which are a fertile base for this aim.
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